ABSTRACT
INTRODUCTION
To obtain the benefit of high efficiency of compression ignition (CI) engines and the benefit of low emissions of spark ignition engines, the homogeneous charge compression ignition (HCCI) engines have been widely investigated in recent years. The major advantage of HCCI engines is realized by eliminating the formation of flames and results in a much lower combustion temperature. As the consequence of the low flame temperature, the formation of NOx (nitrogen oxides) is greatly reduced. The lean burn nature of the HCCI engine also enables un-throttled operation to improve vehicle fuel economy ( [1] and [2] ).
However, one challenge in HCCI combustion control is to predict the start of combustion precisely. Moreover, HCCI combustion mode can only operate in a certain range of engine condition and is limited at high engine load due to knock, or at low load due to misfire. To accurately control the HCCI combustion process, a precise charge mixing and combustion model is a necessity. Widely used high fidelity engine models, such as GT-Power and WAVE, provides fairly accurate engine charge mixing and combustion models, however, they can only be used for off-line simulations and cannot be used for modelbased control, where real-time HIL (hardware-in-the-loop) simulations are often required. Multi-zone model based on chemical kinetics, that divides the cylinder into adiabatic core zones and thermal boundary layers, is capable of simulating more realistic HCCI combustion phenomena ( [3] and [4] ). Similarly, these kinds of models are not fast enough for realtime simulations. Mean-value and single-zone method was used in [5] to model averaged chemical kinetics and thermodynamic properties and simple and control-oriented modeling approach was used for multi-mode HCCI engine in [6] . In [1] a control-oriented one-zone HCCI combustion model was constructed based on the assumption that the incylinder fuel, air, and residual gas charges are uniformly premixed at the intake valve closing (IVC). However, during the engine intake process, some of the residual gas is not mixed with the fresh intake gas, which remains at the bottom of the cylinder. This unmixed portion is so-called unmixed residual gas fraction. Ignoring the unmixed residual gas fraction would result in modeling errors of the peak in-cylinder pressure and temperature since the unmixed residual gas could have quite different temperature comparing with the well mixed zone. Also the volume and air-to-fuel ratio (AFR) of the mixed zone will be affected. Furthermore, during the gas exchange process described in [1] , a first order transfer function was used to approximate the in-cylinder pressure, which led to large errors compared with the actual pressure. In [7] and [8] a two-zone HCCI model was established taking into consideration of unmixed zone during combustion phase. Reference [7] developed a two-zone model based on thermochemistry and chemical kinetics, which ensures better combustion results, but the charge mixing process is not modeled. As a result, the size of the unmixed zone cannot be determined in real-time. In [8] a pseudo-velocity method was used to predict the unmixed zone size during intake phase; however, for the negative valve over-lap (NVO) case the simulation error is fairly large between pseudo-velocity and actual intake flow velocity.
In this paper, to meet the real-time simulation requirement, the in-cylinder charge mixture is divided into two zones, mixed and unmixed zones before the combustion starts. In order to predict the size of the unmixed zone, it is essential to model the flow dynamics during the entire intake process. A compressible flow dynamics method is used to predict the flow rate in real-time. Combined with energy conservation law, the transfer rate between the two zones can be finally obtained. During the intake phase, due to the previous NVO recompression, the cylinder-manifold circumstance is more complicated than the positive valve overlap (PVO) case, thus the change of downstream and upstream is considered. Between the IVC and start of combustion events, it is assumed that the mass of unmixed zone does not change due to weak incylinder motion. The isentropic compression is assumed with heat transfer to the cylinder wall. The heat transfer process is also used in combustion process until the exhaust valve opens. Since the temperature and volume of the unmixed zone can be updated each crank angle under this assumption, it is easy to analyze the combustion process in the mixed zone. In this paper, it is also assumed that there is no heat exchange between the two zones, but both of them have heat exchange with the cylinder wall. Pressure dynamic interactions between the two zones are also modeled during the combustion process. Figure 1 shows a diagram of the two-zone approach between the intake valve opening and exhaust valve opening. 
TWO-ZONE CHARGE MIXING AND COMBUSTION MODEL
The thermodynamic characteristics of in-cylinder gas, such as in-cylinder pressure and temperature, are of great interest in the SI and HCCI combustion modeling research. This is especially important at certain critical combustion phases such as the intake valve closing. Figure 2 shows five key combustion phases of an HCCI combustion process within one engine cycle. We consider five key combustion phases in the SI or HCCI combustion process. They are intake valve closing (IVC), start of HCCI combustion (SOC), exhaust valve opening (EVO), exhaust valve closing (EVC), and intake valve opening (IVO). For each combustion phase, the in-cylinder behaviors (such as pressure, temperature, etc.) are modeled using thermodynamic governing equations with initial conditions derived from the last combustion phase. In the rest of this section, crank angle based model of each combustion phase is presented.
Intake Phase
During this phase, the fresh charge enters the cylinder and mixes with the residual gas gradually. As a result, the total mass of the unmixed zone reduces consequently. The goal is to predict the size of the unmixed zone at IVC; hence, it is essential to model the flow dynamics during the entire intake phase. The calculation of intake flow rate is based on the onedimensional compressible flow equation [9] : a) When the flow is not choked (
is the discharge coefficient, which is experimentally determined, 0 P and 0 T are the upstream stagnation pressure and temperature, T P is the downstream pressure, R A is the intake valve reference area, and γ is the specific heat ratio.
For an HCCI combustion engine with the NVO strategy, most often, the in-cylinder pressure is higher than the intake manifold pressure at the IVO (intake valve opening) due to the residual gas recompression and early exhaust valve closing. Hence, certain portion of the residual gas will escape into the intake port after IVO. This is called backflow. In order to simplify the modeling process, the entire intake phase is divided into three stages under certain assumptions:
Firstly, right after the IVO, the trapped residual gas flows out of the cylinder through intake valve. 0 P and 0 T in equations (1) and (2) are in-cylinder pressure and temperature, respectively, T P is the manifold pressure, and m ɺ is treated as a negative value in the model for calculation convenience. During this stage, as the in-cylinder total mass is reducing while the cylinder volume is increasing, the in-cylinder pressure and temperature drops significantly.
Secondly, once the in-cylinder pressure becomes lower than the intake manifold pressure, flow direction reverses. It is assumed that the escaped residual gas in the first stage was not mixed with the fresh charge in the manifold, and during this stage all the escaped residue flows back into the cylinder, where 0 P is the manifold pressure, T P is the in-cylinder pressure, and 0 T is the residual gas temperature multiplied by the coefficient due to the heat release and expansion. In the model 0 T is approximated by the current in-cylinder temperature.
Finally, after all the escaped residual gas flows back into the cylinder, the actual fresh charge process begins. During this stage, 0 P and 0 T are the intake manifold pressure and temperature, respectively, T P is the in-cylinder pressure. This stage takes the longest duration among the three stages, and the mixing occurs within this stage.
The calculation of in-cylinder pressure and temperature is based upon the first law of thermodynamics. Since there is only one-direction flow path at one time due to the NVO operation, the energy conservation equation can be written as
where W ɺ is the rate of the transferred work, which equals V p ɺ .
w Q ɺ is the total heat-transfer rate to the cylinder walls, which can be obtained using the Woschni correlation model ( [10] and [11] ):
where c A is the contact area between gas and cylinder wall, w T is average temperature of cylinder wall, and c h is the average convection coefficient, which can be calculated by ( )
where B is the bore, p S is the mean piston speed and α is the scaling factor used as model calibration parameters.
In the developed model equation (3) is discretized under the assumptions that within one calculation step, the gas thermodynamic properties ( p C and v C ) remain unchanged.
It is also assumed that the pressures in mixed and unmixed zones are identical. Then the in-cylinder temperature can be determined every crank degree by the following equation
where θ is crank position， 0 T is the intake flow temperature, and t ∆ is the time interval for each crank degree.
Since the mixture can be considered as the ideal gas, incylinder pressure can be obtained by
While during the fresh charge process, the residual gas mixes with the fresh gas gradually, and the main modeling work is to describe the mass transfer rate from the unmixed zone to the mixed zone. The actual in-cylinder fluid dynamics is fairly complicated and difficult to be modeled accurately using a simple approach. As shown in Figure 3 , it is assumed that the in-cylinder charge is mixed in a thermodynamically uniform state and the mixing dynamics is purely due to impinging effect of the intake fluid jet. Under these assumptions, applying conservation of energy, the mass transfer rate is assumed to be proportional to the kinetic energy of the intake flow.
where K is the proportional coefficient to be calibrated, m ɺ is the intake flow rate which can be obtained by equations (1) and (2), and v is the intake flow velocity which can be calculated from system geometry (10) where IVC m denotes the total trapped mass in the cylinder at IVC.
Notice that the constituent of the unmixed zone is always a portion of the entire residual gas at IVO, for there is no fresh charge entering this zone. Hence during the entire intake phase the unmixed zone can be approximated as an isentropic process, and at IVC the temperature in both zones can be obtained sequentially:
under the identical pressure of mixed and unmixed zone assumption. The volume of both zones can be finally determined by ideal gas law.
Compression Phase
The compression phase can be approximated as an isentropic process with heat transfer for both zones. Since at the end of this phase the in-cylinder temperature might be very high, the heat transfer portion cannot be neglected for achieving accurate prediction of the start of HCCI combustion. Here it is assumed that there is no mass exchange between the two zones due to the weak in-cylinder motion. Thus the incylinder pressure and temperature for each zone can be determined separately. Equation (13) is used first to calculate the average in-cylinder temperature.
Then in-cylinder pressure can be obtained by equation (7) and temperatures of both mixed and unmixed zones can be calculated sequentially:
where unmixed Q is heat-transfer to the cylinder walls from the unmixed zone.
The compression phase ends when the HCCI combustion starts. A commonly used criterion for the start of combustion (SOC) timing is the Arrhenius integral ( [12] and [13] ), which is described as 
where N e is engine speed; A is a scaling constant; E a is the activation energy for the auto ignition reaction.
The SOC crank position is defined as the crank angle for one percent fuel burned under the HCCI combustion. During this phase, the Arrhenius integral continues its integration. As the in-cylinder temperature and pressure increase gradually due to compression, the Arrhenius integral increases as well. Once the ARI reaches criteria of the SOC (ARI ≥ 1), it shows that the HCCI combustion phase starts. At this moment, the temperature of mixed zone will be recorded as 
Combustion and Expansion Phase
In the HCCI combustion phase, the following two assumptions are made: 1) There is no mass exchange between the mixed (burned) and the unmixed zones. 2) There is no heat transfer between the two zones but each zone has heat transfer to the cylinder wall.
Under the two assumptions, thermodynamic activity in both zones can be solved separately. In order to simplify the coupled equations, in-cylinder pressure in the last crank degree is used to calculate the volume of the current unmixed zone.
In the mixed zone, the fuel mass fraction burned (MFB) are modeled by the following Wiebe function [9] ( )
where coefficients a, m, and predicted burn duration ∆θ are calibration parameters of engine speed and load, and coolant temperature. The mixed zone temperature can be calculated by
and ( ) ( ) ( )
where the combustion efficiency HCCI η is a calibration parameter used to match the simulated IMEP provided by GTPower model, and Q LHV is the low heat value of the fuel. Temperature in the unmixed zone can be obtained by equation (14) .
After the HCCI combustion phase, the two-zone analysis is no longer essential for in-cylinder combustion behavior, and the two zones are supposed to be well mixed instantaneously. The in-cylinder average temperature can be obtained by equation (13) with the initial condition: where the index e denotes the crank position when combustion terminates.
Exhaust Phase
The exhaust process is similar to the intake phase. Equations (1), (2), (6) and (7) are used for calculating the exhaust flow rate, in-cylinder temperature and pressure. Note that during this phase the in-cylinder pressure is higher than the exhaust manifold pressure in most of time; however, the situation can be reversed. Therefore, the backflow occurring is also considered. At the exhaust valve closed (EVC), the trapped mass can be calculated by 
NVO Phase
The NVO phase is called as engine recompression. During this phase the trapped in-cylinder gas is isentropically compressed or expanded in a closed system with heat transfer to the cylinder wall, so equations (13) and (7) (7).
SIMULATION RESULTS
The two-zone HCCI combustion model was validated in the HIL simulation environment (see Figure 4 for the HIL system architecture) with the engine parameters given in Table  1 . The two-zone model was validated for the engine operation at 2000 rpm with 4.0 bar IMEP. The associated valve timing for EVO, EVC, IVO and IVC are 160, 288, 400, and 520 degree after TDC (top dead center). Figure 5 and Figure 6 show the in-cylinder pressure and temperature during the gas exchange process. A single cylinder GT-Power model is also developed and its simulation results were used as the baseline. Compared with one-zone model, two-zone charge mixing model based on fluid dynamics shows a significant improvement, and the simulated pressure and temperature responses match with these of GT-Power simulation results quite well. In Figure 7 both of the simulated exhaust and intake flow rates obtained from the two-zone model were compared with these of GT-Power simulations. Again they matched quite well; on the other hand, the simulation result of the one-zone model is not shown here since a first order transfer function was used to approximate the in-cylinder pressure, the flow rate calculation is trivial. This indicates the benefit of the charge mixing modeling. Note that the small error between GT-Power and two-zone model responses are due to the unmodeled instantaneous pressure fluctuation in the manifold; this dynamics is fairly difficult to model using a simplified modeling approach for real-time simulations. Figure 8 shows the expanding process of the mixed zone and shrinking process of the unmixed zone during the intake phase. Figure 9 compares the in-cylinder pressure of the twozone model with that of the one-zone model during compression and combustion phases. It can be seen that in the two-zone model the prediction of the SOC in the two-zone model is later than the one-zone model, and also the peak in-cylinder pressure is four bars lower than that of one-zone model. It is believed that this is due to the difference in estimated in-cylinder temperatures since the one-zone model uses the averaged temperature of two zones to estimate the SOC while the two-zone model uses the mixed zone temperature that is lower than the unmixed zone.
In summary, the charge mixing two-zone model is capable of achieving much more accurate simulation results than that of the one-zone model due to utilizing the fluid dynamics analysis. The two-zone charge mixing and combustion model provides the simulation results that are comparable with these of GT-Power model.
CONCLUSION
A two-zone charge mixing HCCI combustion model is proposed in this paper based upon the simplified fluid dynamics. The developed model was implemented into the hardware-in-the-loop simulation environment. The simulation results of the proposed model match with the GT-Power simulation well, and it is also demonstrated that the discretized fluid dynamics approach provides a satisfactory simulation results compared with the GT-Power model. Moreover, the unmixed zone plays an important role in predicting the start of combustion, in-cylinder pressure and temperature during the combustion process. It is believed that the two-zone charge mixing approach provides an improved simulation platform for developing the HCCI control strategy for real-time applications. The future work is to validate the proposed model using an optical engine.
